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SYNOPSIS

Hydrodynamic gas-lubricated foil bearings are ideal for machinery that operates at high speed or
in extreme-temperature environments. This paper presents an application example of the
successful replacement of a tape-type bearing for a bump-type bearing in a helium

turbocompressor.
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ABSTRACT
Hydrodynamic gas-lubricated foil bearings are ideal for machinery that operates at high speed or
in extreme-temperature environments. As motors and generators run at higher speeds with more
torque capacity, the need for commonly available, robust, high-speed, low-loss foil bearings is
clear. This paper presents an application example of the successful replacement of a tape-type
bearing for a bump-type bearing in a helium turbocompressor. Both bearing types are described,
as are the steps involved in design and fabrication of the bump bearing, and results of
comparison tests between the original and replacement bearings. Methods to analyze bump-type
foil bearings with commercially available software are reviewed to further emphasize the
inherent simplicity of these bearings. By providing the engineering community with the
understanding needed to successfully apply foil bearings, the authors hope that the benefits and
true potential of this technology will finally be realized.

INTRODUCTION

Research on high-speed foil bearings has been performed since the early 1970s. This early work
resulted in the development of various designs of foil bearings (see Figure 1), such as bump type
(Gray, et al., 1981; Heshmat, et al., 1983; Ku and Heshmat, 1997), leaf type (Agrawal, 1997; San
Andres, 1995; Oh and Rhode, 1976), and tape type (Licht, et al., 1981). Among these three, the
bump type has been the most publicized and popular. Gray’s paper documents the design
methodology for bump-type bearings, and addresses issues involving materials and coatings,
manufacturing procedure, fabrication accuracy effect, misalignment, Coulomb damping, shock
tolerance, dynamic stability, analytical tools, and so forth. However, two decades later, although
there are an increasing number of potential applications for foil bearings, such as microturbines,
they have yet to become off-the-shelf items (see Figure 2). In fact, initial development costs
remain unreasonably high for new applications, with a common perception of many in the
industry that foil bearing design remains a “black art.” With motors and generators running at
higher and higher speeds and increased torque capacity, the need for a robust, high-speed, low-
loss foil bearing design is clear. For example, permanent-magnet brushless motors can directly
drive a 300-hp compressor at 70,000 rpm. At these speeds, rolling-element bearings have
delicate lubrication problems or limited service life. Active magnetic bearings may be too
expensive or have touchdown bearing problems. In these and many similar applications, foil
bearings offer distinct advantages when they can be produced reliably in large quantities.

This paper presents a successful retrofit of bump-type radial bearings for a helium
turbocompressor (see Figure 3). The original bearings were tape-type bearings that had suffered
service life problems due to external vibrations (Soyars and Fuerst, 2000). We focused on a
simple but robust bump bearing configuration. Analyses included methods needed to determine
gas film properties, heat transfer, foil bump stress, stiffness and Coulomb damping, and rotor-
bearing dynamics. The fabrication process is outlined, and bump making, heat treatment, tack
welding, and quality issues are reviewed. Finally, test results are summarized and compared to
predictions.

ORIGINAL BEARING DESIGN

The helium compressor consists of a single-stage impeller powered by a variable frequency
induction motor with an operating speed of 40,000 to 90,000 rpm. The vertical rotor in the
compressor weighs about 1.2 Ib. The rotor is supported radially by two identical tape-type foil
bearings and axially by a spiral-groove, gimbal-mounted gas thrust bearing. The latter worked
adequately and is not discussed further. Each radial bearing consists of one strip of foil
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(Figure 4) which, when coiled up and placed in the housing (with the correct shim thickness)

forms three complete coils (Figure 5). The one-piece strip has three sections:

e An outer coil, 0.002-in. thick and divided into 12 equal-length segments by shallowly
etched grooves.

e A middle coil, about 0.015-in. thick, also divided into 12 equal-length segments by
shallow grooves. This segment of the foil has a sandy outside surface, which promotes
friction between it and the outer coil.

e Aninner coil, 0.002-in. thick and divided into 4 equal-length segments by shallow axial
grooves. These segments are curved to conform to the final ID of the bearing, and have
Teflon-coated bearing surfaces.

As shown in Figure 5, each segment of the outer and middle coils spans 30° and the segments lie
on top of each other. The segments of the inner foil each span 90° and are supported on the
middle and outer segments, which act as leaf springs. This essentially forms a four-lobe bearing.
The dimension between the two opposite segments is smaller than the shaft diameter. When the
shaft is installed, the outer and middle segments are displaced radially by 0.010 in. Treating
each segment as a beam with built-in ends, the combined stiffness of the outer and middle foils 1s
90 1b/in. so that, under static conditions, each segment applies a radial load to the shaft of 0.90 Ib
(preload). Under static conditions, the clearance between the outer foil segments and the housing
is about 0.0014 in. The overall bearing stiffness is 540 1b/in. (= 6 x 90, with the 6 factor being
derived from the geometry of the 12 even segments, each spanning 30°). With this stiffness, the
outer foils would contact the housing if a static load of 0.75 1b were applied to the bearing. This
amounts to 2.2 psi for the bearing diameter of 0.63 in. and length of 0.54 in. In the authors’
experience, a foil bearing should be designed for a load of 20 psi or more at operating speed.

The very low 2.2-psi load capacity of the original bearings explains their limited service life.

Although the original bearing had low load-carrying capability, there was no reported history or

evidence of subsynchronous whirl problems, an indication that the bearings had good damping
properties. We estimated the amount of Coulomb damping present as follows:

E = 6pF,A

where E = vibration energy dissipated by frictional force
p = frictional coefficient

A = small journal displacement
F, =preload = 0.9 1b.

For u=0.1 and A = 0.001-in, an equivalent viscous damping would be:
B = 4E/nwA? = 24pFy/noA Ib-sec/in., then ©B = 24uFy/nA = 688 Ib/in.

where ® = vibration frequency in rad/sec. With similar values for bearing damping (0B = 688
1b/in.) and stiffness (K = 540 Ib/in.), we concluded that the bearing had adequate damping.

It should be emphasized that the estimation of foil bearing damping based on energy dissipation
is an engineering design “gage,” and is by no means rigorous. Indeed, it was clearly shown
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theoretically by Vance and San Andres (1999) that pure Coulomb damping would result in

infinite vibration amplitude at the critical speed. Some other types of damping must exist in foil
bearings, such as hysteresis damping as reported by Ku and Heshmat (1993).

To understand how the rotor behaved in the bearings, an undamped critical speed analysis was
performed with the results presented in Figures 6, 7, and 8. The results show two low rigid-body
critical speeds (one translational mode and one conical mode) with large displacements at the
bearings. This is an encouraging sign for a well-behaved system if the bearings themselves
possess damping.

REPLACEMENT BEARING DESIGN

The fundamental construction of a bump-type radial foil bearing consists of two thin strips of
foil. The top or inner foil is smooth and supported by a bump foil consisting of uniformly
spaced, cylindrically shaped bumps, which have been preformed into the foil. The bearing is
unidirectional, with the shaft rotating from free end to fixed end of the top foil. Itisa
hydrodynamic bearing, operable with a film of gas, liquid, or a mix of both. Its ability to
conform and comply removes the necessity of maintaining the high degree of dimensional
accuracy and roundness normally required in rigid surface bearings.

In operation, both the foils deflect under the hydrodynamic pressure generated between the
journal and top foil. As the bump foil deflects, the bumps are also displaced circumferentially.
The relative motions between the bump foil and top foil, and between the bump foil and bearing
housing introduce frictional energy dissipation, which provides Coulomb damping.

Bearing stiffness depends on both the stiffness of the gas film and the stiffness of bump foil. In
general, a bump-type foil bearing is designed so that the bump stiffness is much lower than the
stiffness of the hydrodynamic gas film and therefore controls the overall stiffness of the bearing.
This controlled stiffness leads to the desirable properties of being able to accommodate
misalignment, tolerance variation, differential thermal expansion, and centrifugal shaft growth.

As a rule of thumb, the static load capacity of a foil bearing is determined by dividing the rotor
weight (or preload for a vertical rotor) by bearing projected area. Typically, a design value of 1
to 5 psi is used. This small value helps minimize rubbing wear on the bearing surfaces during
starts and stops. Through distributed film pressure, an external load applied to the bearing would
be spread over several bumps. The load capacity is affected by two factors, namely, the
maximum allowable bending stress of the bump foil and the ability to dissipate frictional heat
generated on the bearing surfaces.

To replace the original tape-type bearing, the bore of the bearing housing was increased to
accommodate the thicker bump foils and the fact that the bearing would be assembled in its own
sleeve and then installed in the housing. Given the journal diameter of 0.63 in. and based on the
availability of existing bump dies and foil material, several important dimensions were chosen:

Diametric clearance = 0.002 in.
Smooth foil thickness = 0.004 in.
Bump foil thickness = 0.002 in.
Bump height = 0.017 in.

Bump pitch = 0.125 in.

Bearing shell thickness = 0.1 in.
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Therefore:

Bearing shell ID = 0.63 + 0.002 + 2x(0.002 + 0.004 + 0.017) = 0.678 in.
Bearing shell OD =~ 0.88 in.

As shown in Figure 9, these choices enabled three separate segments of bump foil (two with five
bumps and one with four bumps), with space to weld them to the bearing shell. Since the
compressor rotor is supported vertically, the bearing was preloaded radially for improved
dynamic stability. To achieve this, a 0.0015-in. shim was installed at the middle of each bump
segment.

ENGINEERING ANALYSIS METHODS FOR REPLACEMENT BEARINGS

Bump foil stress is a key parameter in the load-carrying capability of this type of bearing. In this
application, we wanted a higher load capacity than the original tape-type bearing. Bump foil
bearings are limited by their static load (rotor weight or preload) capacity, which is usually less
than 5 psi (W/LD). This limit helps ensure easy start-up and minimizes surface wear of the top
foil. At operating speeds when the gas film exists, the load capacity may increase by tenfold and
ultimately be dictated by the tolerable bending stress in the bump foils. To survive in high-speed
operation, the journal and foils must be cooled, which is usually done by channeling gas axially
under the bump and around the shaft. Without adequate cooling, local thermal distortion may
occur and quickly destroy the bearing. The other crucial parameter for successful high-speed
operation is the amount of Coulomb damping in the bearing, which is required to prevent
dangerous subsynchronous rotor whirl. Further details on the proper implementation of a bump
bearing follow.

Bump Stress and Load Capacity

Figure 10 shows that under a compressive load, W, a typical foil bump moves downward by Ay
and displaces horizontally at each end by Ax. The displacements are not only functions of the
load, the elastic property of the foil metal, and the bump dimensions (radius of arc, foil thickness,
foil pitch, etc.) but are also dependent on frictional coefficients at contact points. An existing
two-dimensional (2-D) program HBUMSTR (Chen and Howarth, 2000) calculates the
displacements and stiffness (W/Ay) with and without friction, given the foil dimensions and the
remaining parameters and based on a uniformly distributed load.

Using this computer program and the desired static loading for the subject design (W/pL = 1 psi,
p = bump pitch, L = bearing length), the bump foil calculation results are presented in Table 1.

If the foil is made of Inconel, its heat-treated yield stress is about 150,000 psi. The table shows a
bending stress of 4,200 psi based on the distributed load of 1 psi. Dividing the yield stress by the
calculated bending stress, results in an allowable bearing load of 35.7 psi (= 150/4.2). The
equivalent radial deflection is about 0.0035 in. (= 35.7 x 9.58 x 10”). These values compare
favorably to the load limit and deflection of the original bearing (2.2 psi and 0.0014 in.,
respectively).

Heat Dissipation

Although its power loss is much smaller than a comparable oil-film bearing, a foil bearing does
generate heat, principally by shearing levitating film. This heat can accumulate on the shaft and
the top foil surface and cause their temperatures to rise. Because the foils are thin and contact
areas are small, the heat conduction paths from top foil to bump foil and to the bearing housing
are relatively poor. For most gas compressor applications, these are inadequate, and forced
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convection heat transfer by injecting additional gas or liquid axially through the foils is required

(Chen and Arora, 1986). For this cryogenic application, however, conduction plus natural
convection proved adequate for removing the heat generated within the bearings.

An existing hydrodynamic journal foil bearing program HYJ (Chen and Howarth, 2000)
calculates a number of bearing properties, including power loss, gas film pressure, bearing load,
minimum film thickness, and so forth. This program treats the smooth foil as a bearing surface
supported on a flexible foundation. Calculation results for the subject bearing are presented in
Table 2, which shows a loss of 0.0052 hp with 1.17 1b loaded on a bearing of 0.63-in. diameter
and 0.54-in. length at 90,000 rpm. This is a very small loss, which can be tolerated with no
injected cooling gas. It should be noted, however, that the computer program does not consider
the effect of preloads. The results therefore can only be taken as a reference.

Stiffness and Damping

Since fiction was not considered in the HYJ program, its stiffness output is not precise enough
for rotordynamic analysis. Approximation by directly adding estimated Coulomb damping to the
HYJ output stiffness is inappropriate. Peng and Carpino (1997) presented an elegant formulation
for a foil bearing analysis, including a time-transient term in the Reynolds equation and foil-
bump support with Coulomb damping, assuming that all the bumps can move circumferentially.
To write a code based on this formulation would require a major effort, and to develop a code
that considers all possible bump arrangements or configurations would be a complicated task to
say the least. An issue was to determine if the top foil can be approximated without bending and
membrane effects (Heshmat, et al., 1983; Carpino, et al., 1993). If so, the value of developing a
complex and lengthy code as such is questionable. Although a rigorous computer code for
generating foil bearing stiffness and damping properties may be ideal, it is not indispensable,
considering the following:

e Many foil bearing parameters such as actual clearance and frictional coefficients are not
well defined

e The gas film is in series with the bump foil but usually much stiffer than the bump foil.
Ignoring the gas film, one may use the bump foil stiffness and damping properties to
estimate the parameters of the rigid rotor modes, which may become unstable at high
speed, and these are the main rotordynamic concern.

e The bump foil stiffness is not heavily dependent upon the friction coefficient, and may be
estimated separately from the Coulomb damping.

As mentioned above, the bump foil stiffness can be calculated using the program HBUMSTR.
Before presenting a method for estimating Coulomb damping, we shall discuss an optimal design
for the bump foil configuration.

There are many variations in bump-type foil bearings. The top and/or bump foil can be one
single piece or separated into several pieces. Furthermore, the bump foil can have different
pitches or arc for varying radial stiffness in the circumferential direction. It can also have
different layers for variable load capacity with varying eccentricity. Our experience indicates
that a configuration such as that shown in Figure 9 typically works well. It has a one-piece
smooth foil supported underneath by several bump foil sectors. Each sector is anchored at one
end only, and four to six bumps ensure that the free end can slide circumferentially under radial
load. This multiple sector design solves the low damping problem cited by Agrawal (1997).

7



Fermilab-CONF-01-508-AD

Figure 11 presents a method that can be used to estimate the Coulomb damping in a bump foil.
Considering a sector of five bumps is loaded evenly, each bump takes a radial load of W; Ib.

The bump top displaces by Ay in. and the bottom wants to displace by Ax in. in both directions.
Since the sector is fixed at one end, the x displacements are accumulated as shown. Note that the
free end has the most accumulated movement. Both the top and bottom of a bump have
frictional contacts. The energy dissipated can be shown as:

E = 50uW,Ax

where u = friction coefficient at the rubbing interfaces. Considering a vibration perturbation
about the load, Wy, an equivalent viscous damping coefficient would be:

B = 4E/noAy? Ib-sec/in., then ©B = 4E/nAy” Ib/in.

Using the data in Table 1, the foil bump stiffness for three preloaded segments was estimated to
be K = 5,040 1b/in., and the equivalent viscous damping value for p = 0.1 was B = 5,800 Ib/in.,
assuming a radial vibration amplitude of 0.0005-in. peak. Since K and ©B have comparable
values, there is therefore adequate Coulomb damping in the bearing.

Due to the fact that the vibration energy dissipation comes from rotor and foil bump
displacements, it should be noted that there may always be small amounts of subsynchronous
vibration in a frequency spectrum of a stably operating foil-bearing rotor.

FABRICATION OF REPLACEMENT BEARING

Figure 12 presents a typical fabrication, assembly, and inspection procedure (Grey, et al., 1981),
with bearing parts in various stages of manufacturing shown in Figure 13. For the replacement
bearing (Figure 14), the following rather straightforward steps were performed:

e TFoil sheets of different thickness were made of Inconel X750 or similar material. The top
smooth foil was cut into shape, and then heat treated in an argon gas environment in a
furnace to a maximum temperature of about 1300°F to achieve desired hardness. The
bearing side of the surface was then sprayed with an Emralon™ coating to provide a thin
film of dry lubricant (DellaCorte, 2000). The foil was next rolled into cylindrical shape
(see Figure 15) and attached to a stainless block at the fixed end. The spot welds at the
block are at a larger radius than the smooth foil radius so that those welds would never
contact the journal surface.

e For the bump foils, the Inconel sheets were cut to dimensions slightly larger than the
finish sizes. These sheets were stacked together and cut to the final dimensions by wire
EDM. Circumferential slits can be machined at the same time to enhance tolerance to
axial misalignment. A 50-ton press and die were used to form the desired bumps in the
sheets (see Figure 16). The bumped sheets were inserted into a cylindrical fixture (see
Figure 17) with the proper diameter and heat treated in an argon gas environment to a
maximum temperature of 1800°F for stress release and hardness (see Figure 18).

e The bump foils were spot welded into the bearing housing ID (see Figure 19). The top
was then spot welded in place to finish the bearing assembly (see Figure 14).
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e A two-step procedure for quality control was used. The first step involved a load versus

deflection test on the assembled bearing, using only the small load required to move the
journal through the bearing clearance. The second step involved a start-up liftoff test (see
Figure 20) that was conducted by monitoring the bearing frictional torque versus shaft
rotational speed. Bearing torque reduces significantly when the hydrodynamic film is
established at a liftoff speed.

RESULTS OF COMPARISON TESTS

The compressor was operated with the original (tape-type) foil bearings to obtain baseline data
for comparison to the replacement (bump-type) foil bearings. Vibration and bearing
temperatures were also recorded. The replacement bearings were then installed and run.

Test Setup

Housing vibrations for the helium compressor were detected using accelerometers as shown in
Figure 21 (Geren, et al., 2000). The unit was tested in open air with a dummy impeller.
Resistance temperature detectors (RTD) were used to measure temperature at the bearing OD. In
addition, thermocouples (not shown) were inserted near one end of the bump foil bearing to
measure the nearby air flow temperature. Casing accelerations were taken at the impeller side in
the x and y directions, at the other side in the x direction, and in the axial direction. Eddy-
current-type displacement sensors were used to detect x and y displacements at the dummy
wheel, but, unfortunately, both had large runouts. An eccentric rotor driven by a variable-speed
motor was used as a shaker, which was mounted on one leg of the table supporting the
COMPIessor.

Liftoff and Touchdown Tests

When a foil bearing starts up from rest and accelerates to a speed high enough to form a
hydrodynamic film, the frictional torque on the shaft reduces significantly. Associated changes
include faster acceleration and reduced vibration. Touchdown during coastdown is marked by
increased torque, faster deceleration, and increased vibration.

For the original bearings, shaft liftoff and touchdown were easy to determine. Visual
observation of the tachometer showed a clear increase in acceleration when the rotor lifted off at
approximately 23,000 rpm.

Due to its better operating characteristics, liftoff for the replacement bearing was not as obvious.
Although there was no visual detectable change in speed, plotting the tachometer output versus
time for speed-up and coastdown between 0 to 50,000 rpm allowed the determination that liftoff
occurred in the 23,500-rpm range and touchdown occurred in the 15,000 to 19,000-rpm range
(see Figure 22).

Steady-State and Transient Tests

For both types of bearings, the compressor was run at various speeds from 50,000 to 90,000 rpm
for several hours. Steady-state vibration frequency spectra at 50,000 rpm are compared in
Figure 23. Typical coastdown plots are presented in Figure 24. These plots reveal the following:

e A rotor critical speed was at 40,000 rpm with the original bearings; the corresponding
critical speed with the replacement bearings was around 44,400 rpm. Based on the
calculated critical speed map shown in Figure 7, these critical speeds were higher than
expected. The thrust bearing may have contributed some dynamic angular stiffness. It is
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also possible that the gas film at high speed tended to increase the foil load against the

bearing housing. Frictional forces may have prevented the foil from moving freely in the
circumferential direction, thus effectively making the bearing much stiffer.

e The replacement bearings had much lower casing vibration levels.

¢ The casing vibration spectra for the replacement bearing included a 2/rev signal, which
could be indicative of loose parts or misalignment. However, the level was low and not
considered a problem. At 90,000 rpm, the 2/rev component was significantly lower, as
shown in Figure 25.

The original bearings were run with no cooling air and their temperature readings stabilized at
about 120°F. As a precaution, the replacement bearings were initially run with 0.5-cfm cooling
air, and temperatures stabilized at 100°F. Later runs showed that they can operate without
cooling.

Shaker Tests

These tests were run to simulate the environment in which the compressor routinely operates.
With the compressor running at 50,000 rpm, a dynamic shaker was used to excite the casing with
a dynamic force of 0.01 g at 30 Hz. Typical responses are compared in Figure 26. The excited
responses at 40,000 rpm confirm the critical speed located by coastdown tests. Further
operational tests of the replacement bearings in the cyrogenic environment are being proposed.

CONCLUSION

This paper has presented the engineering methodology involved in the design and fabrication of
a bump-type radial foil bearing developed to replace a tape-type foil bearing in a helium
turbocompressor. Future plans call for retrofit of an additional 25 machines with the bump-type
bearing. In steady-state operation, test results showed that the replacement and original bearings
operated in a similar manner. Both bearing types resulted in a critical speed around 40,000 rpm
as confirmed by shaker tests. Since the critical speed is in the operating speed range, prolonged
operation at this speed should be avoided. As this application example demonstrates, foil
bearing technology is sufficiently mature for appropriate high-speed turbomachinery
applications.
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Table 1. Calculated Properties of Bump Foil
from HBUMSTR Program

Input
0.002
0.093
0.017
0.125
0.004

0.1
Qutput
7.21E-02
8.033E+01
9.577E-05
1.305E-03
-3.125E+00
4.200E+03
1.196E-05
3.725E-06
1.244E+03

Bump thickness, in.
Bump length, in.
Bump height, in.
Bump pitch, in.
Tape thickness, in.
Friction coefficient

Bump radius, in.
Subtended angle, deg
Deflection, in.

Stiffness, psi

Central stress, psi
Bending stress, psi
Lateral deflection, in.
Upper tape deflection, in.
Stiffness at 0 friction, psi
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Table 2. Calculated Properties of Gas Film
from HYJ Program
Input
199 Angle CCW from y-axis to eccentricity, deg
355 Angle CCW from TH1S to beginning of
taper, deg
0.547 Bearing length, radius
0.315 Bearing radius, in.
90000 Rotational speed, Ipm
11 Mesh lines along axial direction
51 Mesh lines along circumferential direction
2.93e-9 Lubricant viscosity, Ib-sec/in.**2
1.0e-3 Radial clearance, in.
1309  Bump foil stiffness, psi
14.7 Ambient pressure, psig
0.125 Bump pitch, in.
0.95 Eccentricity ratio
2 THI1S Start of pad, deg
357 THI1E End of pad, deg
Output
-1.784E-04 Horizontal component of load, Ib
1.169 Vertical component of load, Ib
1.169 Load capacity, Ib

-8.740E-03  Load angle, deg, CW from y-axis
5.203E-03  Power loss, hp

0.559
5.543
1427
-579
-69
1654

Nominal min. film thickness, mil
Maximum pressure, psig

Kxx, Ib/in.

Kyx, Ib/in.

Kxy, Ib/in.

Kyy, Ib/in.
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Figure 1. Three Types of Foil Bearings
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Figure 2. High-Speed Machinery Applications for Foil Bearings
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Figure 3. Helium Turbocompressor
(photo courtesy of Fermilab Visual Media Services)
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Figure 4. Tape-Type Foil Bearing



Housing

Middle Coil

549-OH-1151-1

Figure 5. Three Layers of Coils in Original (Tape Type) Bearing
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Figure 6. Rotor Model
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Figure 7. Critical Speed Map
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Figure 8. Mode Shapes
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Figure 10. Applied Load, Deflections, and Frictional Force of a Foil Bump
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Figure 11. Estimation of Frictional Energy Dissipation of Foil Bumps
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Figure 12. Foil Bearing Fabrication, Assembly, and Inspéction Procedure
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Figure 13. Bearings at Various Stages of Manufacturing Process
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Figure 14. Replacement Bearing
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Figure 15. Press used to Roll Foil into Shape
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Figure 17. Cylindrical Fixture used in Heat Treatment of Bumped Sheets
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Figure 18. Heat Treatment of Bumped Sheets
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Figure 19. Spot Welding of Bump Foils into Bearing Housing ID
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Figure 21. Test Setup
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Figure 22. Start-Up and Coastdown Speed Acceleration Amplitudes versus Time
Showing Lift-Off and Touchdown Speeds
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Figure 23. Steady-State Vibration Frequency Spectra at 50,000 rpm
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Figure 24. Typical Coastdown Plots
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Figure 25. Steady-State Vibration Frequency Spectra at 90,000 rpm
for Replacement Bearing
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Figure 26. Typical Bearing Response during Shaker Tests





